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NOMECLATURE

A

Surface area (m)

c

Speed of sound in gas phase (m/s)

Cp, cp

Specific heat at constant pressure (J/kg-K)

Cv

Specific heat at constant volume (J/kg-K)

D

Diameter (m)

Do

Reference diameter (m)

Dh

Hydraulic diameter (m)
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general friction factor of D`Arcy friction factor
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Mass flux (kg/m2-s)
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hb,(h20)

Heat transfer coefficient for nucleate boiling in stationary water ( W / m2K)

hk

Heat transfer coefficient for fully developed single-phase flow in an annulus
(W/m2K)

h

Enthalpy (J/kg)

K

Parameter in Petukhov C=correlation

k

Thermal conductivity (W/m-K)

l

Length scale (m)

L

Channel length (m)

LMTD

Log mean temperature difference (K)

Nu

Nusselt number = (hD/k)

P, p

Pressure (Pa)

∆P, ∆p

Differential pressure (Pa)

x

Pr

Prandtl number

q”

Heat flux (W/ m2)

R

Radius (m)

r

Radial coordinate (m)

Re

Reynolds number

T

Temperature (K, ºC)

U, u

Velocity (m/s)

V, v

Velocity (m/s)

x

Quality

Greek Letters
α

Void fraction (-)

γ

Ratio of ideal gas specific heats – (cp/cv)

µ

Dynamic viscosity (kg/m-s)

σ

Standard deviation

υ

Kinematic viscosity (m2/s)

Φ

Enhancement ratio = (Nuexp/NuGn)

ρ

Density (kg/m2)

τ

Shear stress (N/m2)
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SUMMARY

The primary purpose of this investigation was to experimentally determine the
effect of operational parameters on the onset of flow instability (OFI) in narrow,
uniformly heated, vertical, rectangular channels. The geometry investigated was a 9.0 cm
long rectangular channel with a 1.0mm by 1.3cm cross section.

This geometry closely

matches the coolant channel geometry in an accelerator target.

Nitrogen-saturated

subcooled water was used as the coolant, with mass fluxes ranging from 250 to 1336
kg/m^2 s, and an inlet temperature of 26ºC for the OFI experiments. The exit pressures
investigated ranged from 275kPa to 620kPa, while the heat flux ranged from 0.729 to
2.236 MW/m^2.

The primary data collected from these experiments were used to

develop two correlations for the heat flux and mass flux at OFI.
''
''
q OFI
= 0.561 * q sat
± 6.41%

GOFI = 1.790 * G sat ± 7.96%
Wall temperature data were also collected in order to develop a Nusselt number
correlation for the single-phase regime. This correlation is valid for the Reynolds number
range of 6x103 to 1.7x104.
Nu d = 0.0429 Re 0d.711 Pr 0.33 ± 3.036%
The data obtained in this investigation will aid designers of high-power-density systems
establish design limits to prevent over heating and possible damage due to the onset of
flow instability.
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CHAPTER I
INTRODUCTION

Forced convection using single-phase liquid water is a common cooling
mechanism in high power density engineering applications.

Typically, design

specifications require the coolant to remain sub-cooled throughout the heat transfer
channel to ensure adequate cooling of the heated surfaces. Despite these planned steady
state parameters, accident or transient conditions can cause boiling to take place within
the channels. For this reason, it is important in the design and operation of heated
channels to understand and predict the onset of boiling and two-phase flow instabilities
that can lead to channel dryout and potential overheating and/or burnout of the heat
transfer system.
The research presented here deals with experiments that examine the onset of
flow instability (OFI) and the heat transfer coefficient in uniformly heated narrow
rectangular channels.

In this thesis, flow channels and gaps of 1mm clearance are

referred to as microchannels. OFI corresponds to the flow rate that produces a minimum
pressure difference over the channel length. As explained later, a lower flow rate can
yield unstable conditions for which any small fluctuation can cause a large change in the
flow rate. This chapter provides a brief description of the OFI phenomena.
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1.1 Onset of Flow Instability (OFI)
Figure 1.1 shows a typical demand curve for a uniformly heated channel. In the
high mass flux regime, sub-cooled single-phase conditions exist throughout the channel.
Consequently, all heat transfer is accomplished through single-phase forced convection.
As the mass flux through the channel is decreased, sub-cooled boiling, followed by
saturated boiling, and finally single-phase convection to superheated vapor take place
(Stoddard, et al., 2000).

Figure 1.1: Schematic Diagram of the Demand Curve for a Heated Channel with
Constant Heat Rate

In Figure 1.1, the terms ONB, OSV, OFI, and S refer to the onset of nucleate boiling,
onset of significant void, onset of flow instability, and saturation conditions, respectively.

2

At mass flow rates higher than the OSV point, the coolant flow is primarily single-phase
sub-cooled liquid with some bubbles sticking to the walls of the heated channels. These
bubbles are unable to withstand condensation and hence collapse when released from the
wall and mix with the bulk fluid flow. At the onset of significant void, the void fraction
is typically around five percent, and bubbles released from the channel walls survive
condensation and become entrained in the bulk fluid flow; the flow becomes two-phase.
Flow boiling exists for mass flow rates below the OSV point value, and a fully developed
nucleate boiling regime dominates. For high mass fluxes, the onset of significant void
and the initiation of flow boiling occur at approximately the same point. Further decrease
of the mass flow rate will eventually result in an increase in the pressure drop because of
the pressure required to accelerate the evaporating vapor and because of the wall friction
created by the high velocity vapor flow. As the mass flux through the heated channel
decreases to the point where the pressure drop across the channel is at a minimum on the
demand curve, a situation is created where a flow excursion can result. This part of
minimum local pressure drop is called the onset of flow instability (OFI) (Stromberger,
2003).
To understand the possible flow excursion at OFI condition, refer to the demand
curve shown in Figure 1.2. Case “A” represents the situation that would exist if a
positive displacement pump were used to circulate the coolant through a heated channel
(Lahey and Moody, 1979). A positive displacement pump operating at a given speed
would force coolant through the boiling channel at a fixed rate regardless of the overall
pressure drop.

For this reason, the channel could be operated at position “1” by

maintaining a constant pump speed. Case “B” represents the situation where numerous
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channels operate in parallel with the boiling channel. For this case, operating the system
steadily and continuously at position “1” is impossible. A small negative perturbation in
the flow rate would immediately shift conditions to position “2” while a small positive
perturbation would shift the flow state to position “3”. A flow excursion from position
“1” to position “2” would result in a significant reduction in flow rate within the heated
channel and may lead to dryout or physical burnout of the channel. Case “C” represents
the situation that would result if a centrifugal pump with a relatively flat characteristic
curve were used to circulate the coolant through the heated channel. Once again, steady
and continuous operation at position “1” is impossible since a small perturbation could
result in a flow excursion to either position “2`” or position “3`”. Finally, Case “D”
represents a situation where the circulation pump has a steep characteristic curve so that
position “1” could be steadily maintained and Ledinegg instability (Todrease and Kazimi,
1990) would not occur (Stromberger, 2003).
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Figure 1.2: Excursive Instability (from Lahey and Moody, 1979)

In order to prevent Ledinegg flow excursions in practical systems, limits are
imposed on the channel power input to exclude the possibility of operation within the
negative-sloped segment of the demand curve at all anticipated flow rates. Typically,
these power limits are conservatively estimated by using OSV models and/or
correlations. OSV is considered a precursor to the onset of flow instability (OFI), which
in turn, may be viewed as a precursor to the critical heat flux (CHF).

Several

investigations have been conducted at Georgia Tech (Kennedy, et al., 1997; Roach, et al.,
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1998; Blasik, et al., 1999; Stoddard, et al., 2000; stromberger, et al., 2003) to quantify the
effects of channel geometry and operating conditions on OFI for uniformly-heated
microchannels.

This investigation builds on the results of these earlier studies by

examining the differences associated with rectangular shaped microchannels.

Such

geometry is used widely in industry, and therefore represents significant work. The
difference in geometry may impact the vapor bubble dynamics within the channel, and
hence, the demand curve and OFI point.
1.2 Motivation and Objectives
As a result of the potentially severe consequences of Ledinegg flow excursion and
critical heat flux, several experimental and theoretical studies have been performed to
quantify the effect of various design and operation parameters on these limits. The
existing experimental data and correlations are well established for channels with
hydraulic diameters larger than 4 mm. The database was recently extended to include
smaller diameter channels with hydraulic diameters in the order of 1mm. The majority of
these investigations were performed at Georgia Tech (Kennedy, et al., 1997; Roach, et
al., 1998; Blasik, et al., 1999; Stoddard, et al., 2000; stromberger, et al., 2003). This
investigation builds on the earlier work performed at Georgia Tech by examining narrow
rectangular cross-sections, as opposed to the annular cross-sections of all the previous
experiments. The change in OFI conditions were studied along with the single-phase
forced convection coefficient.
The experiments conducted in this investigation provide designers of high-power
density systems cooled by forced convection in microchannels with the necessary data to
establish the thermal safety limits for such systems under realistic operational conditions.

6

The remainder of this thesis is organized as follows. Chapter II provides a brief
overview of the literature available on OFI, CHF, single-phase forced convection, flow
boiling and fluid-structure interaction in small diameter channels. Chapter III gives a
detailed description of the instrumentation and equipment used in all experiments
performed during this investigation. Chapter IV outlines the experimental procedures
used to setup and perform OFI and single-phase forced convection experiments
investigating the rectangular cross-section. All OFI and forced convection experimental
results are reported and compared with available models in Chapter V. Finally, Chapter
VI summarizes the conclusions of this investigation and provides recommendations for
future microchannel heat transfer research.

7

CHAPTER II
LITERATURE REVIEW

2.1 Introduction
Two phase flow instability can lead to serious safety problems in the operation of
heated channels supporting forced and natural circulatory flow. For this reason, it is
important in the design of heated channels to understand and predict the onset of boiling
and two phase flow instabilities that can lead to channel dryout and potential overheating
of the heat transfer system. Reviews of flow instability and critical heat flux have been
published by McBeth, et al. (1964); Bowring (1972); Boure, et al. (1973); Ishii (1976);
Bergles (1977); Yadigaroglu (1981); Groenenveld, et al. (1986); Bankoff, et al. (1991);
and Caira, et al. (1993).

More recently, a comprehensive review of two-phase

phenomena in microchannels was published by ghiaasiaan and Abdel-Khalik (2001).
Correlations and findings on single-phase forced convection have been extracted from
literature by petukhov, et al. (1970), Gnielinski (1976), Incropera and De Witt (1990),
Todreas and Kazimi (1990), Wagner (1998). The following is a brief overview of
previous work on OFI and single-phase forced convection.

8

2.2 Onsent of Flow Instability (OFI)
Two phase flow instabilities are generally categorized as either dynamic or static
(Boure, et al., 1973).

Dynamic instabilities (e.g.,flow regime oscillations) involve

transient inertial dynamic and feedback effects and lead to oscillary flows, which can be
analyzed using the transient flow conservation equations. Modeling system behavior
during dynamic oscillations, however, requires numerical solution of nonlinear
conservation equations when perturbations are imposed on the flow (Gurgenci, et al.,
1983). Dynamic instabilities occur over a broad range of conditions and become serious
safety problems when their amplitudes become large.
Static instabilities result from pressure drop versus flow rate characteristics of
heated channels and can be analyzed using steady state flow conservation equations. The
typical demand curve (i.e. plot of steady state pressure drop versus flow rate) of a boiling
channel has an inverted S-shape.

The different two-phase flow regimes for heated

channels are shown in Figure 1.3. As described in Chapter I, when the channel is part of
a forced circulation loop, the segment of the demand curve with negative slope can be
unstable depending on pump characteristics. If the mass flow rate through the channel
drops below the local minimum point on the curve, then a flow excursion can occur
resulting in a significant reduction in the flow rate through the channel. Such flow
excursions can lead to physical burnout of the heated channel.
The onset of flow instability (OFI) is normally expected to occur at a slightly
lower flow rate than the flow rate corresponding to the onset of significant void. The
onset of significant void (OSV) occurs when a further reduction in flow rate results in a
sharp increase in coolant void fraction in the channel. Consequently, at a slightly lower
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flow rate the pressure drop due to flow acceleration resulting from increased voidage will
render the gradient of the demand curve negative. OSV can therefore be considered a
conservative criterion for avoiding classic Ledinegg flow excursions (Yadigaroglu,
1981). Furthermore, OSV signifies the initiation of flow boiling in the subcooled flowboiling regime. The OSV condition may be of special importance to other processes in a
heat transfer system; for example, if significant voiding develops in a nuclear reactor, the
reactor power may be affected by reactivity feedback (Kennedy, et al., 1997).
In the past, OSV and void fraction have been extensively studied in channels
experiencing subcooled boiling (Whittle and Forgan, 1967; Evangelisti and Lupoli, 1969;
Chan, 1984; Rogers, et al., 1987; Johnston, 1989;Ahmad, 1970; Dix, 1971; Levy, 1967;
Staub, 1968; Unal, 1975). Most of the published studies, however, deal with OSV and
OFI in relatively large channels. Only recent work performed at Georgia Tech (Kennedy,
et al., 1997; Roach, et al., 1998; Blasick, et al., 1999; Stoddard, et al., 2000; Ghiaasiaan
and Abdel-Khalik, 2001) addresses channel designs of smaller hydraulic diameters.
OSV, OFI, and other related phenomena occur where flow channels typically
have small hydraulic diameters, e.g. research reactors and computer chips. However,
systematic studies dealing with OSV and OFI in microchannels are scarce. Inasaka, et
al. (1989) measured subcooled boiling pressure drop in channels with diameter 1.0 mm
and larger. They noted that the onset of nucleate boiling (ONB) point was well predicted
by the correlation of Bergles and Rhosenow (1964), while the correlations of Saha and
Zuber (1974) and Levy (1967) both failed to predict OSV data well in small channels.
Their measured two-phase friction factor multipliers for capillaries, however, were
considerably smaller than the values predicted by the Lockhart and Martinelli (1949)
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correlation.

Inasaka, et al. (1989) attribute the latter discrepancy to the possible

overprediction of quality in capillaries by Ahmad’s correlation (Ahmad, 1970). Hainoun,
et al. (1996) recently reported a two fluid model capable of predicting OFI phenomenon
in small channels. Their model applies the correlation of Saha and Zuber (1974) for the
prediction of OSV. The aforementioned correlations are only applicable under limited
conditions and do not accommodate practical insufficiencies of the cooling systems or
any perturbation. In this investigation, experiments have been conducted that focus on
rectangular channels.

2.2.1 Flow Instability Initiation
During a hypothetical loss of coolant accident in a reactor, the coolant flow rate
through the heated channels decreases. Under normal operating conditions, the coolant
remains subcooled and thus single-phase. However, if a substantial drop in flow rate
occurs, the onset of nucleate boiling (ONB) may be reached. Bankoff, et al. (1991)
presented a comprehensive review of ONB and the mechanics of bubble formation and
departure. At the ONB point, bubbles begin to form on the walls of the heated channel
Due to the subcooled status of the bulk coolant, these bubbles either collapse or slide
along the channels walls; they do not separate and survive in the bulk flow. The presence
of the bubbles on the walls causes the differential pressure across the test section to
increase. In turn, the friction factor rises due to the increased differential pressure across
the channel. When vapor generation becomes great enough, the bubbles detach from the
walls and survive in the subcooled, bulk coolant flow. This situation is defined as OSV
in the previous chapter. Vapor bubbles in the bulk flow act to lower the average density
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of the fluid within the channel. The increased apparent friction factor coupled with the
increased acceleration term causes the differential pressure across the channel to rise. In
parallel channels with an imposed external pressure difference, the flow can easily
become unstable and possibly dry out due to a flow excursion (Bankoff, et al., 1991;
Lahey and Moody, 1979).

2.2.2 Onset of Significant Void (OSV)
Many models and correlations exist which predict OSV. Some of these models
are based on theoretical arguments while others are based on empirical analysis. In
general, two phase flow phenomena are difficult to model theoretically which explains
the development and use of empirical correlations. Examples of commonly accepted
formulations include those reported by Bowring (1962), Saha and Zuber (1974), and Unal
(1975). Some correlations such as Levy (1967), Staub (1968), and Rogers, et al. (1987)
incorporate a theoretical model with empirical adjustments.

Bankoff, et al. (1991),

reported a comprehensive review of the subject. The more widely reported correlations
and recent OFI correlations produced at Georgia Tech by Kennedy, et al. (1997), Roach
(1998), Blasick (1999) and Stoddard (2000) in conjunction with the Accelerator
Production of Tritium (APT) project are summarized in Table 2.1 to 2.13.
Theoretical OSV models are based on vapor bubble mechanics in vertical,
upward, subcooled flow. The mechanics involved in analyzing bubble behavior focus on
the heat transfer and fluid flow at the bubble-liquid interface.

Bubble departure is

determined by performing a force balance. Three aspects of the bubble-liquid interface
combine to determine when the bubble will depart the channel wall: buoyancy of the
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bubble within the liquid, shear force exerted on the bubble by the flowing liquid, and the
surface tension which holds the bubble to the wall.
Of the three OSV correlations described by Bankoff, et al. (1991), the one
proposed by Levy (1967) is the simplest. The levy correlation is valid for water under
the following conditions: mass flux range of 130 to 1420 kg/m2s, operating pressure
between 0.41 and 13.6 MPa, and heat flux from 0.24 to 1.91 MW/m2.
The model of Staub (1968) is applicable for two channel geometries: circular with
hydraulic diameter between 6 and 200 mm and rectangular with hydraulic diameter
between 4 and 66 mm. The correlation is valid for both water and R-22, but no range is
specified for the applicable heat fluxes.
The correlation of Rogers, et al. (1987) is more specific and therefore more
restricted than those of Levy and Staub. This correlation is only valid for annular tube
geometry with three specific hydraulic diameters: 9 mm, 12 mm and 17 mm. Also, this
correlation only holds for tube lengths of 480 and 600 mm. This correlation is valid for
water under the following conditions: mass flux range of 70 to 450 kg/m2s, operating
pressure between 1.50 and 1.55 Mpa, and heat flux from 0.3 to 1.2 MW/m2.
Even though the analytical models of OSV are similar, it is interesting to note that
different bubble shapes are assumed. Levy assumed a spherical shaped bubble, Staub
assumed a hemispherical bubble that took on the contour of the channel, and Rogers, et
al. assume that the bubble was a truncated sphere, with a contact angle at the surface
equal to the equilibrium contact angle (Bankoff, 1991).
Often it is easier to use empirical correlations as opposed to theoretical models for
OSV prediction due to the complex mechanisms that exist in two-phase flow. Several
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empirical models are summarized in Stoddard (2000).

However, for each of these

correlations, the liquid subcooling at the OSV point can be expressed as a function of
pressure, hydraulic diameter, heated length, heat flux, mass flux, inlet temperature, and
fluid properties at designated temperature and pressure. For example, a pressure term is
used in the Bowring (1962) correlation while other correlations only consider the effect
of pressure on fluid properties. It is also interesting to note that Bowring (1962) and
Thom, et al. (1966) are the only dimensional correlations; Saha and Zuber (1974), Unal
(1975), Ahmad (1970), and Sekoguchi, et al. (1974) are all dimensionless. In fact, the
Saha and Zuber (1974) correlation includes both the Stanton and Nusselt numbers. This
signifies that under low mass flux conditions, flow behavior is hydrodynamically
controlled.

The Unal (1975) correlation suggests a similar split into two different

regimes that depend on flow velocity.
The theoretical models described above have been compared with the empirical
models. Both the theoretical Levy (1967) correlation and the empirical Bowring (1962)
correlation predict that as liquid flow rate through the channel increases, the degree of
subcooling at the OSV point decreases.

Similarly, the theoretical Staub (1968)

correlation was compared with the empirical models of Costa (1967), Griffith, et al.
(1968), Christensen (1961), and Kroeger and Zuber (1968). The experimental data as
compared to the predictions of the Staub (1968) correlation were 15% higher for circular
channels and 15% lower for rectangular channels.
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2.3 Single-Phase Forced Convection in Microchannels
The most relevant single-phase forced convection models for turbulent flow
published in the literature are summarized Table 2.16. Listing of these correlations and
their ranges of applicability may be found in Incropera and De Witt (1990), Todreas and
Kazimi (1990), Wagner (1998) and Adams (1999).

Table 2.15: Forced Convection Studies in Microchannels
Study
Levy et al. (1959)
Lancet (1959)
Gambill (1961)
Bergles (1962)
Wu and Little (1984)
Acosta (1985)
Nayak et al. (1987)
Choi et al. (1991)
Wang and Peng (1994)
Yu et al. (1995)
Peng et al. (1995)
Peng and Peterson (1996)
Adams (1999)

Transport Variable
Heat
Momentum/Heat
Momentum/Heat
Heat
Momentum/Heat
Momentum/Mass
Heat
Momentum/Heat
Heat
Momentum/Heat
Heat
Momentum/Heat
Heat

Geometry
Rectangular
Rectangular
Rectangular
Circular
Trapezoidal
Rectangular
Rect. Fins
Circular
Rectangular
Circular
Rectangular
Rectangular
Circular

Gap/Diameter
2.54 mm
0.59-0.64 mm
1.09-1.45 mm
2.4 mm
0.134-0.164 mm
0.38,0.96 mm
1.0 mm
0.003-0.082 mm
0.311-0.747 mm
0.019-0.102 mm
0.311-0.646 mm
0.311-0.367 mm
0.76-1.13 mm

The use of standard heat transfer correlations for forced convection does not
match with current understanding of flow dynamic and heat transfer in microchannels.
Adams (1999) discussed in detail the differences between forced convection in
microchannels and larger channels.
It has generally been assumed that the well understood turbulent boundary layer
characteristics on flat plates apply to the flow field adjacent to the walls of large channels
in internal flow. This assumption may be erroneous for microchannels. Schlichting
(1968) and Hintze (1975) point out that in a small pipe the buffer zone, the most active
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part of the boundary layer with respect to production and dissipation of turbulence may
exceed the channel dimensions and therefore could not develop. Thus, the turbulent
transport mechanisms of microchannel flow may be phenomenologically different than
for flat plates or large channels. Other researchers, Bejan (1984), point out that the use of
general forced convection heat transfer correlations on microchannel flow would be
inappropriate. He argues that the transition to turbulence is accompanied by an intrinsic
turbulent wavelength. This wavelength represents the size of the small eddies, which
characterize turbulent circulation and are necessary for its effective initiation and support.
The wavelength phenomenon suggests, however, that a lower limit in size of eddies could
well hinder the transition to turbulent or its resulting intensity if the size of the passage is
on the order of this limit. Generally, the existence of a limitation on eddy size may
suppress the mechanism of turbulent heat transfer in narrow channels. Based on this
consideration many researchers recommend against applying internal flow and heat
transfer correlations for channels with hydraulic diameters less than about 2mm. In such
tubes, the turbulent eddy mechanism for fluid flow and heat transfer may be suppressed
by the physical size of the tube cross section resulting in lower friction factors and heat
transfer coefficients.
A small number of investigators have looked at turbulent convection in narrow
passages. Levy et al. (1959) conducted experiments on turbulent forced convection of
water in rectangular channels measuring 0.1 x 2.5 in (2.54 x 63.5 mm). Over a range of
Reynolds numbers from 104 to 105, their data fell 30 to 50% below values of the heat
transfer coefficient predicted by the Sieder-Tate relation.
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Gambill and Bundy (1961) studied friction, heat transfer, and burnout for water in
turbulent forced convection in thin rectangular channels. Their experiments included
flow gaps ranging from 1.09 to 1.45 mm and Reynolds numbers from 9000 to 270,000.
Hydraulic diameters ranged from 1.91 to 2.67 mm. The friction factors they obtained
were in reasonably good agreement with the Moody chart for the relative roughness of
the test sections, and the heat transfer coefficients were actually slightly higher than
values predicted by the Sieder-Tate correlation, rejecting the earlier results obtained by
Levy.
In an investigation on the effect of a large temperature difference on the turbulent
forced convection of water, Bergles and Rohsenow (1962) utilized channels with an inner
diameter of 2.4 mm in their test section. They showed that traditional correlations for the
heat transfer coefficient were sufficient.

However, it should be noted that their

investigation aimed to determine the effect of a high temperature difference, not
diameter, on forced convection.

Furthermore, the channel diameter they used was

slightly higher than the diameter limit for which the previous reservations were
expressed.
Wu and Little (1984) measured friction factors and heat transfer coefficients of
nitrogen gas flowing in trapezoidal channels with hydraulic diameters ranging from 134
to 164 microns with Reynolds numbers less than 2 x 104. They found both increased
friction factors and enhanced heat transfer. Furthermore, the difference between the
experimental Nusselt numbers and those predicted by the Dittus-Boelter equation
increased with increasing Reynolds number, suggesting that the Reynolds analogy does
not apply in this case. These effects were attributed to the large asymmetric roughness
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which resulted from the abrasive etching processes used to manufacture the channels,
effecting large relative roughness in the microchannels.
Other

investigators

have

utilized

turbulent

convection

in

rectangular

microchannels for the purposes of microelectronic heat sinks, either in theoretical models
or actual experiments.

The experimental work aimed to verify theoretical models

developed for these sinks. However, most of these experiments used large scale test
sections rather than actual scale models for increased manufacturing ease. Furthermore,
the standard heat transfer correlations used in these studies were cited as one of the main
sources of error between theory and experiment. Phillips (1990) gives an excellent
review of this work in which he calls for improved turbulent correlations for small
channels, especially for lower Reynolds numbers.
Choi et al. (1991) measured friction factors and heat transfer coefficients for
nitrogen flowing in circular channels of various diameters ranging from 3 µm to 82 µm.
For both the laminar and the turbulent regimes, friction factors were slightly smaller than
predicted by the Moody chart. Heat transfer coefficients in the turbulent regime were
significantly higher than for large channels.

The flow could not be considered

incompressible due to the large pressure gradients in the tubes. A compressible flow
analysis, therefore, was used in reducing the data.
Wang and Peng (1994) investigated single-phase forced convection of water and
methanol in rectangular microchannels with hydraulic diameters ranging from 0.311 to
0.747 mm for Reynolds numbers less than 4 x 103. By observing augmented heat transfer
coefficients, they found that the transition to turbulent flow was initiated at Reynolds
numbers of 1000-1500. They also reported that their heat transfer data for this Reynolds
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number range (i.e, 1 x 103 to 4 x 103) could be well predicted by a modification of the
Dittus-Boelter equation in which the constant has been changed from 0.023 to 0.00805.
Liquid temperature, velocity and microchannel size all strongly affected the heat transfer
behavior.
Recognizing the apparent lack of systematic research on heat and momentum
transport in microchannels, Yu et al. (1995) studied the fluid flow and heat transfer
characteristics of dry nitrogen gas and water in circular tubes with diameters of 19 µm, 52
µm and 102 µm.

Both laminar and turbulent regimes were studied with Reynolds

numbers ranging from 250 to nearly 2 x 104 and Prandtl numbers of 0.7-5.0. Friction
factors were slightly lower than the Moody chart values for both laminar and turbulent
regimes. Nusselt numbers for the cooling of water in the turbulent regime, however,
were considerably higher than would be predicted for larger tubes. This suggests, as does
the earlier work of Choi et al., that the Reynolds analogy may not apply for microchannel
flow. The heat transfer experiments were performed for the 102 µm tube and with water
only.
Adams (1999) investigated the convection heat transfer coefficient in the singlephase, turbulent flow of water in microchannels. Experiments were performed with wall
boundary conditions of constant temperature and constant heat flux. The constant wall
temperature experiment utilized circular microchannels having inner diameters of 0.76
mm and 1.09 mm. The constant heat flux experiments utilized a circular microchannel
and also a microchannel whose cross section geometry was designed to simulate the
interior subchannels of the proposed Accelerator Production of Tritium (APT) target
bundles. The circular microchannel had an inner diameter of 0.76 mm whereas the
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“prototypical” microchannel had a hydraulic diameter of 1.13 mm. Constant heat flux
experiments were carried out using both totally degassed water and also water saturated
with air at test section inlet conditions for the circular microchannel.
For both microchannels investigated with the constant wall temperature facility,
heat transfer coefficients above the values predicted by the Gnielinski correlation were
observed. The data clearly showed that the effect of small diameter on single-phase
turbulent forced convection is to enhance heat transfer.

The heat transfer values

increased with decreasing diameter and increasing Reynolds number. Based on his data
Adams developed the following correlation to predict the Nusselt number for turbulent
heat transfer in microchannels:

Nu = Nu Gn ⋅ (1 + F )

(2.1)

Where

  D
F = C ⋅ Re⋅ 1 − 
  Do






2






(2.2)

And NuGn is the Nusselt number as calculated by the Gnielinski correlation. A least
squares fit of the entire data set resulted in C = 67.6 x 10-5 and Do = 1.164 x 10-3 m. The
correlation is valid for the following parameter range:
2 x 103 ≤ Re ≤ 2.3 x 104
1.54 ≤ Pr ≤ 6.43
0.102 mm ≤ D ≤ 1.109 mm
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With a 95% confidence level, all the data are predicted by the correlation within ±18.6%.
With the correlation cast in this form, Do represents diameter above which no heat
transfer enhancement is observed and traditional correlations are valid.
Adams, et al. (1999) examined heat transfer enhancement due to the desorption of
noncondensable gases in microchannel flow; they reported that such enhancement occurs
at relatively low void fractions, the enhancement increasing with increasing void fraction.
More enhancement is observed at the same void fraction for lower turbulent Reynolds
numbers. These trends are consistent with the two-phase, two-component heat transfer
literature.

The most well suited available correlation for predicting heat transfer

enhancement, however, greatly under-predicts the experimentally observed heat transfer
enhancement due to desorption. Results from the noncondensable gas desorption model
showed that significant voidage can occur in the turbulent microchannel flow of water
saturated with a noncondensable gas at inlet conditions; in some cases, choking can
occur. Desorption in turbulent microchannel flow is a complicated phenomenon affected
by microchannel diameter, length, flow rate, heat flux, subcooling and noncondensable
species.
In the literature cited, there is a notable degree of disagreement as to the effect of
small flow passages on both momentum and heat transfer. In addition, the majority of
the research cited was conducted using rectangular flow passages while ignoring the
effect of aspect ratio. Of further interest is the fact that although flow gaps (ie.e the
height of the flow passages) were often as small as a fraction of a millimeter, the widths
of the flow passages were often much larger. In some cases where the width of the flow
passages were comparable to the flow gaps, hydraulic diameters larger than the 2 mm
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limit resulted for which Kakac, Shah, and Aung expressed their reservations. With the
exception of Yu, et al., it seems as though no research is available which pertains directly
to the effect of small diameter on the turbulent forced convection of water in circular
tubes. More importantly, no reliable experimental evidence has been found as to the
smallest size channel for which traditional Nusselt number correlations can be applied
without significant error.
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CHAPTER III
INSTRUMENTATION AND EQUIPMENT

The Georgia Tech Microchannel Test Facility (GTMTF) was used for the entirety
of this investigation.

The GTMTF is a general purpose test facility designed for

investigating flow phenomena in microchannels. The GTMTF was originally used by
Kennedy, et al. (1997) and Roach (1998) to study OFI and CHF in microchannels with
circular cross sections and with cross sections designed to replicate coolant channels in
micro-rod bundles. Blasick (1999) and Stoddard (2000) later modified the facility to
study OFI and CHF in test sections with annular flow passages simulating the innermost
coolant channels APT targets.

This chapter details the modifications and final

configuration of the GTMTF used for OFI and heat transfer coefficient experiments for
thin, rectangular test sections.
3.1 Georgia Tech Microchannel Test Facility Overview
The GTMTF design criteria, as clarified by Stoddard (2000), Kennedy, et
al.(1997), Roach (1998), and Blasick (1999), were as follows.
1)

To provide a stable, controllable, and measurable flow of water through the test
section over a broad range of mass fluxes.

2)

To provide for a flexible system configuration and the possibility of running
experiments with and without a test section bypass line.

3)

To allow for control and measurement of the dissolved non-condensable gas
content within the system.

4)

To allow for fine control and measurement of the test section inlet temperature

5)

To allow for fine control and measurement of the test section exit pressure.
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6)

To provide stable, controllable, and measurable electrical power for heating of the
test section.

The details of the GTMTF hardware and instrumentation are outlined in the remaining
sections of this chapter. The range and accuracy of the instruments are discussed, along
with their incorporation into the data collection method.

Furthermore, three major

categories are covered in the discussion of the experiment’s hardware configuration.
1) The design and mounting of the test section, along with its peripheral hardware
2) An updated list log of hardware in the GTMTF, including manufacturer
information and location.
Figure 5.

The saturation loop used to ensure fully nitrogen-saturated coolant.
3.2 Test Section Design and Mounting

The goal of this investigation was to develop OFI correlations and heat transfer
data for a narrow rectangular cross-section. Therefore the first step was to configure a
test section that had a rectangular cross-section along with the ability to be heated
uniformly. To achieve these design specification a .375” 302 SS tube with .01” thickness
was used. The middle 12 inches of the two foot long tube were compressed into a
rectangular geometry, approximately .070” by .561”.

Figure 3.1 shows the design

specifications of the final compressed tube used in the investigation.
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Figure 3.1: Design Specifications of the Microchannel Test-Section
In order to connect the test section to the GTMTF, Swagelok fittings were attached to the
tube ends. PVC T-fittings were used on both ends of the test section to ensure electrical
isolation from the rest of the GTMTF.
3.2.1 Test Section Insulation
To prevent excessive heat loss the test section was insulated with two layers over
the entire heated length. The first layer was comprised of two Marinite blocks on either
side of the heated segment of the test section. As shown in Figure 3.3, the Marinite
blocks had 6 holes drilled through them in order to fit six quarter inch copper screws.
Marinite had two properties that were desired, a high temperature threshold and a high
electrical resistance. This ensured that if an accidental burnout occurred there would be
no permanent damage to the insulation.

It also guaranteed that there would be no
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alternative paths for the electrical current going through the test section to travel through.
The Marinite screw holding strength is only 91.0 kg, therefore a stronger material was
used as a backing to the Marinite for the screws. Garolite, a layered glass fiber material
bonded by epoxy, was chosen for this backing because of its high strength and insulation
properties. Unfortunately Garolite has a low threshold for temperature, only 180ºC,
therefore the dual layer design of the insulation was required to take advantage of each
material’s strength.

Further insulation was deemed unnecessary, because wall

temperature readings both before and after the heated length showed there was negligible
heat loss past the copper nodes. Figure 3.2 shows the design of both the inner and outer
insulation layers.

Figure 3.2: Design Specification of Garolite and Marinite Blocks
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3.2.2 Test Section Mounting
The test section used in this investigation was mounted vertically, with the
insulation and copper blocks adding a significant amount of weight. The supports had to
accommodate this weight, without pinching the thin walled test section or providing a
path for the electrical current.

Unistruct was used as the basis of the mounting

configuration, with two vertical segments being bolted to the GTMTF.
The right-hand side Unistruct supported the large copper cables, preventing any
potentially damaging torque forces from acting on the test section. These cables were
fixed to the Unistruct via the Power Cable Mounting Block (PCMB), diagramed in Figure
3.4.

Figure 3.3: Design Specifications of the Power Cable Support Block
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The PCMB was bolted to the Unistruct using a ½” Bolt through the center hole. Circular
Aluminum hoops were secured around the two 1000 MCM copper cables and then
attached to rods that were fed through the two 0.325” holes in the Cable Block. These
rods carried the entire weight of the copper cables, thereby eliminating any excessive
moments from acting on the test section. It should be noted that the Aluminum hoops
were attached over the cable’s insulation, complying with the goal of keeping the test
section electrically isolated.
The left-hand side Unistruct was used for the mounting of the Garolite Support
Block. Garolite was chosen as the support material because of its electrical resistance.
Two Garolite blocks connected to the Garolite Support Block and extended to the test
section. These blocks had half circles fitted to the test section cut out at their ends. Two
more small Garolite blocks with the same half circle cut out were bolted to the first
blocks, thereby securing the test section. These blocks were fitted to the annular parts of
the test section, rather than the more fragile rectangular portion.
After being mounted and attached to the power supply loop the test section was
connected to the fluid flow loop. This connection had to be electrically insulated and
strong enough to hold up to 100 psia. For this reason PVC Tee’s were used. However,
PVC does not have good thermal strength, so the exit PVC Tee was placed downstream
of a foot long SS tube which allowed the coolant temperature to decrease before reaching
the PVC Tee fitting.
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3.3 Power Supply configuration
The test sections in this investigation were all used to heat the bulk fluid flowing
through them. Therefore, a continuous current had to be supplied and maintained to the
test section. The following subsections describe the power supply used to provide this
current, along with details of the power measurement system.
3.3.1 Power unit
As shown in Figure 3.3, the power supply configuration used a DC/AC power
supply produced by Rapid Power Technologies (serial number: 1198224) to supply
electrical power to the connected heater. The power level produced by this DC power
supply was controlled using a set of two rheostats. The first rheostat controlled the
maximum current produced by the power supply (in percentage), with 100% representing
a potential maximum current of 2500 Amps. The second rheostat controlled the voltage
drop produced by the power supply (in percentage), with 100% representing a maximum
electrical potential of 25 Volts. These two rheostats, placed internally, are not shown in
Figure 3.3.
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Shunt Load

VDC

HP/DAS Unit

Heater Load

VAC

Figure 3.4: Power Loop Schematic
3.3.2 Power Loop Configuration
The power supply loop began at the positive node of the DC power supply and
ran through an Empro DC current shunt and on to a flexible, 1000 MCM, copper cable.
Next, power was applied directly to the test section using a copper electrode block. The
1000 MCM copper cable bolted directly to this electrode plate using a single ½”-13 bolt;
the hole for this bolt was drilled in the center of the block. After passing through the test
section, the supply loop was completed by a second copper electrode block that was
connected to the negative node of the DC power supply via a second 1000 MCM copper
cable.
3.3.3 Power measurement
The experimental setup measured the power output using the HP/DAS system.
The power supplied by the Rapid Power Transformer is unique in that it has both a DC
and AC component. Therefore an effective power had to be calculated that incorporated
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both the DC and AC components.

This effective power was calculated using the

following equation.
Pe = Ve Ae

(EQ 3.1)

Where;
Ve = Effective Voltage
Ae = Effective Current
Two voltage reading leads from the HP/DAS system were connected to each of the
copper electrode blocks mounted on the test section. The effective voltage was
calculated from the DC voltage and the AC voltage using the following equation.

Ve =

(V

2
DC

2
+ V AC

)

(EQ 3.2)

Similarly, two leads from the HP/DAS system were connected to each end of the
Empro Shunt in order to calculate the current. However, during experimentation it was
discovered that the AC voltage reading was experiencing a large pickup from the
background noise being generated by the large Rapid Power Technologies unit.
Therefore, a backwards calculation was developed on the assumption that the DC to AC
power ratio was constant throughout the power supply loop. This backwards calculation
is shown below.

V AC _ S =

V AC _ TS ⋅ V DC _ S

(EQ 3.3)

V DC _ TS

The resulting AC voltage drop was combined with the DC voltage drop and then
combined using Equation 3.2, finally being converted to a current using the shunt
multiplier.

Ae = M

((V

) + (V
2

AC _ S
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))
2

DC _ S

(EQ 3.4)

Where;

M = Shunt Current-to-Voltage Multiplier
3.4 Flow Loop Configuration
The flow loop’s arrangement must first be defined before detailing the
subcomponents. Figure 3.5 shows a schematic diagram of the GTMTF components and
instrumentation used in the flow loop configuration. The labels employed within the
diagram are cataloged and described in Tables 3.1 and 3.2. This flow loop configuration
was used for all experiments performed during the investigation.
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Table 3.1: Listing of GTMTF Hardware Components
Label
A
B
C
D
E
F
G
H
I
J
K
L
M
N
O
P
Q
R
S
T
U
V
W
X
Y
Z
AA
BB
CC
DD
EE
FF
GG
HH
II
JJ
KK
LL

Description
Multi-stage centrifugal pump
Pump isolation valve 1
Pump isolation valve 2
Lower drain valve
Pump bypass valve
System throttling valve
High flow metering valve (coarse)
High flow metering valve (fine)
High flow/Test section isolation valve
Low flow metering valve
Test section heat exchanger (tube-in-tube)
Copper node
Test section
Bleed valves
Saturation tank pressure regulation valve
System heat exchanger (tube-in-tube)
Degassing tank isolation valve
Degassing tank bleed valve
System drain valve
Degassing tank heat exchanger
Degassing tank outlet isolation valve
Degassing tank inlet isolation valve
Saturation/degassing tank recirculation pump
(magnetically coupled gear)
Saturation tank inlet isolation valve
Saturation tank outlet isolation valve
Bleed Valve
Degasing tank
Saturation tank
Variable-speed positive displacement pump
(eparation)
System pressure relief valve
System Water fill valve
Saturation tank blow-off valve
Degasing tank gas eparation column
Saturation tank bubbler select valve
Saturation tank gasfill valve
saturation tank compressed Nitrogen supply cylinder
Saturation tank liquid seperatio column
Saturation tank gas bleed valve (integrated with
flowmeter)
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Manufacturer

Model

Teel
Watts
Whitey
Watts
Whitey
Parker
Watts
Nupro
Parker Hannifin
In house constr.
Hoke
Whitey
Parker Hannifin
Teel
Whitey
Watts
In house construction
Whitey
Whitey
Micropump

2PC45
CF8M
SS-12NBS8-SH
CF8M
SS-3NBF4
4Z(A)-V2LR-SS
CF8M
SS-4LA
DHTC-SS-8
1513G4S
SS-3NBF4
DHTC-CU-6
A743-CF8M
SS-IRS8
CF8M

Parker
Whitey
Parker
In house construction
In house construction
Masterflex

3C6C-202B
SS-3NBF4
7018-20

Parker
Jones Mfg. Co.
Parker
In house contruction
Hoke
Parker
In house construction
Omega

2030 CBBI-1
150 WSP
2030 CBBI-1
1513 G4S
2030 CBBI-1
5-65 C

SS-3NBF4
IRS4
185

Table 3.2: Listing of GTMTF Instrumentation
Label
1
2
3
4
5
6
7
8
9
10
11
12
13
14
15

Description
Rotameter, low range
Rotameter, high range
Liquid Flow Transducer
Liquid Flow Transducer
Pressure Transducer
Thermocouple,Type-E
Pressure Gauge, Bourdon tube type
Differential Pressure Transducer
AC-lead (test section) to HP unit
DC-lead (test section) to HP unit
Rotameter
Rotameter
Rotameter
DC-lead (shunt) to HP unit
Data Acquisition / Switch Unit

Manufacturer
Fischer & Porter
Brooks Instruments
EG&G/FTI
EG&G/FTI
Rosemount
Omega
Various
Rosemount
Omega
Fischer & Porter
Fischer & Porter
Hewlett Packard

Model
10A6132N
1305D08A1A1A
FT0-3/RI-51
FT0-8/RI-51
1144A-0200A22
EMQSS-125G-6
Multiple
1151DP5E22
5-65C
10A6131M
10A6131M
HP 34970A

Serial Number
8712A0041A1
8603HC013
F096107517RI189010
804950RI5189030042
Multiple
None
Multiple
1072957
none
8911A0675A17
8911A0675A17
GT 0091257

Table 3.2 (continued)
Label
1
2
3
4
5
6
7
8
9
10
11
12
13
14
15

Manufacturer Stated
Range
1.5 ─ 21 gph, water
0.2 ─ 2.5 gpm, water
0.02 ─ 0.4 gpm
0.2 ─ 10 gpm
1 ─ 1375 kPa
-200º ─ 425ºC
0 ─ 200 psi
0 ─ 750 inch H2O
0 ─ 9 gph,water
0 ─ 3.4 scfm, air
0 ─ 3.4 scfm, air
100 Mv ─ 300v
-150º ─ 1000ºc

Manufacturer Stated
Accuracy
0.5 gph
0.1 gpm
0.1% repeatability
0.1% repeatability
0.25% cal.range
0.1ºC
2 psi
0.2% calibrated range
1 gph
0.2 scfm, air
0.2 scfm, air
0.0040% of reading
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Calibration Source

Calibration Date

Becht, GT
Becht, GT
Becht, GT
Becht, T
Becht, GT
Manufacturer

-

3.3.1 System Instrumentation
Table 3.2 provides a list of measuring instruments used in the GTMTF along with
their manufacturer, model number, range, and accuracy.

3.3.1.1 Absolute Pressure Transducers
Four Rosemount model 1144A transducers (Components 5 of Figure 3.4) were
utilized in the GTMTF to measure test section inlet and exit pressures and pump inlet and
exit pressures. All four transducers were mounted at the bottom of the GTMTF in order
to avoid entraining air bubbles in the transducer.

3.3.1.2 Differential Pressure Transducer
In order to measure the differential pressure across the test section, one
differential pressure transducer (Component 8) was mounted on the GTMTF.

The

transducer used was a Rosemount style 1151DP, with a differential pressure range of 0 –
750 inch H20. The pressure transducer was mounted above the test section which caused
entrained gas bubbles to become trapped in the transducer. To avoid any reading errors
two bleed valves (Components N) were installed above the pressure transducer in order
to rid the differential pressure transducer of any trapped air pockets.

3.3.1.3 Turbine Flowmeters
Two EG&G turbine flowmeters (Components 3 and 4) were used to measure the
flowrate through the test section. The flowmeters were installed upstream of the test
section in a horizontal orientation to ensure accurate readings and calibration.
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3.3.1.4 Rotameters
Two rotameters (Components 1 and 2) were mounted in the GTMTF to allow a
visual reference of the flowrate through the primary flow loop.

Two additional

rotameters (Components 12 and 13) were mounted in the saturation flow loop to monitor
and control the flow into and out of the saturation tank. The rotameters had flow control
valves on them allowing the flow to and from the saturation tank to be balanced. This
flow balance was required to prevent flooding or drying of the saturation tank, while still
serving the purpose of saturating the coolant. All four rotameters provided general
readings to assist with control of the GTMTF; none of them provided information
essential to the experimental data.

3.3.1.5 Thermocouples
All thermocouples (Components 6) used in the GTMTF were Omega type-E with
stainless steal sheaths. Swagelok compression fittings were used to ensure the tips of the
thermocouples were positioned near the center of the water stream. Additionally, three
type-E thermocouples were placed on the wall of the heated portion of the test section.
These three thermocouples were used to measure the wall temperature necessary to
calculate the heat transfer coefficient for both turbulent and laminar regimes.

3.3.1.6 Pressure Gauges
Two pressure gauges (Components 7) were used to provide a visual reference of
the pressure levels in the system; these gauges, like the rotameters, were not used to
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provide information essential to the experimental data. The test section exit pressure was
measured using a McDaniel Controls, Inc. pressure gauge rated for 0 – 200 psig. This
gauge was used during the system filling procedure in order to prevent over
pressurization.

It was necessary to prevent the system pressure exceeding 20 psig

because the peristaltic pump (Component CC) was not rated for high pressure operation.
The saturation tank pressure was monitored using a Span Instrumentation pressure gauge,
rated for 0 – 300 psig.

3.3.1.7 Hewlett Packard Data Acquisition / Switch Unit
The Hewlett Packard Data Acquisition / Switch unit was used during all
experiments to collect and compile the data from the GTMTF instrumentation. HP
Benchlink Data Logger Software operating on a Microsoft Windows 95 interface was
used as the interface to store and operate on the data collected by the HP unit.
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CHAPTER IV
EXPERIMENTAL PROCEDURES

The focus of this chapter is to provide a complete and accurate record of the
system preparation and control procedures. A majority of the preparation procedures
were derived from previous experiments performed on the same experimental setup;
Kennedy, et al. (1997), Roach (1998), Blasick (1999), and Stoddard (2000).
4.1 Power Preparation
The first step in preparing the system was ensuring a fully conductive connection
between the power supply and the test section. First, the copper nodes were cleaned
using plumbers wire, preparing the surface for silver paste application. The copper nodes
were then secured to the test section after a small amount of silver paste was dabbed on
the test section. Any silver paste extending beyond the nodes had to be wiped away to
prevent alternate paths for the electricity. It was only necessary to perform this procedure
when the test section was not used for extended periods of time.
4.2 System Filling Procedure
The goal of the system filling procedure was to eliminate all air pockets formed
by the first bulk filling. This was accomplished by a repetitive process explained in the
following section.
The saturation tank gas bleed valve (component LL in Figure 4.1) was always left
open to the atmosphere to allow Nitrogen gas to bubble through the saturation tank
(Component BB). The saturation loop therefore had to be isolated during the initial
filling of the GTMTF, because the filling procedure required slight pressurization. Any
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attempt to pressurize the system would have resulted in an overflow out of the bleed
valve. In order to isolate the saturation loop the degassing tank outlet valve (Component
U), the degassing tank inlet valve (Component V), and the saturation tank regulation
valve (Component O) were all closed. After the saturation loop was isolated, the system
was filled with distilled water using a variable speed peristaltic pump (Component CC).
Prior to filling the GTMTF with the peristaltic pump, the system relief valve (Component
DD) was opened and the peristaltic pumped turned on, to allow any trapped air to escape
from the peristaltic pump tubing. When the flow out of the system relief valve was free
of trapped air the valve was closed and the system fill valve (Component EE) was
opened, allowing water to flow into the degassing tank (Component AA). Once distilled
water was flowing into the GTMTF, the system drain valve (Component S) was opened.
The system drain valve (Component S) was closed and the degassing tank bleed valve
(Component R) was opened, once water began flowing out of the system drain valve.
When water began running out of the degassing tank bleed valve the two bleed valves
(Components N) above the differential pressure transducer (Component 8) were opened.
When water flowing out of the bleed valves was free of air bubbles all three valves were
closed.
The system was pressurized to 20 psig once all the valves were closed. After
pressurization, the peristaltic pump was turned off and the system fill valve (Component
EE) was closed. Next the system throttling valve (Component F) was fully shut, and the
pump bypass valve (Component E) was opened. This was done to prevent any damage to
the liquid flow transducers by a fluid thrust during startup of the pumps. All remaining
internal flow valves were opened to allow complete flow throughout the GTMTF. After
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the valves were properly set, one of the two Centrifugal pumps (Components A) was
turned on.

The system throttling valve was then slowly opened, allowing flow

throughout the loop.
After five minutes of operation the pump was turned off. The same three valves
that were previously closed, the differential pressure transducer bleed valves
(Components N), and the degassing tank bleed valve (Component R) were all opened.
This allowed air pockets that accumulated during operation of the pump to escape the
system. The System fill valve (Component EE) was then opened and the peristaltic pump
(Component CC) was turned on. The three bleed valves were toggled during operation of
the peristaltic pump in order to flush out any air pockets. After approximately a minute
all three bleed valves were closed and the system was pressurized to 20 psig. Following
the previous procedures, the peristaltic pump was shut off and the system fill valve closed
after pressurization. Next, the system throttling valve (Component F) was closed and the
centrifugal pump (Component A) that wasn’t used previously was turned on.
The process of running the pumps, bleeding off the air pockets, and refilling the
flow loop was repeated until no air could be seen in either the flow through the
rotameters (Components 1 and 2) or escaping the bleed valves. Once the system was
completely free of trapped air, it was pressured to 20 psig.
The filling of the saturation loop could proceed once the system was free of air
pockets. First, the Saturation inlet valve (Component U) was opened to allow water to
flow from the degassing tank into the saturation loop. No additional air passed into the
primary flow loop because the system was pressurized to 20 psig and the saturation tank
was open to the atmosphere. Next, the peristaltic pump (Component CC) was turned on
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and the system fill valve (Component EE) was opened. Once water began flowing in
through the system fill valve, the saturation loop exit valve (Component V) and the
saturation tank pressure regulation valve (Component O) were opened. The saturation
loop bleed valve (Component Z) was closed once water began flowing out of it. Both the
bleed valve (Component Z) and the Saturation/degassing tank recirculation pump
(Component W) were toggled in order to release any air in the saturation inlet line.
When no air could be seen escaping the saturation loop bleed valve it was shut. Filling
continued until water began flowing out of the Saturation tank blow-off valve
(Component FF), at which point the peristaltic pump was turn off, and the system fill and
blow-off valves were shut.
4.3 Working Fluid Nitrogen Saturation and System Pressurization
Prior to the start of any set of OFI or heat transfer coefficient experiments, the
system fill procedure, as outlined in Section IV.2, was followed. After completion of the
fill procedure the system had to be pressurized to a specific level and the water saturated
with nitrogen.
First, to achieve the saturation and pressurization of the working fluid, the
saturation tank recirculation pump (Component W) was started. This pump drew water
from the degassing tank (Component AA) into the saturation tank (Component BB).
Next the Compressed Nitrogen supply cylinder (Component JJ) was opened and its
regulator set to the desired experimental pressure. The saturation tank gas fill valve
(Component II) was then slowly opened, allowing the nitrogen gas to bubble up through
the saturation tank (Component BB). Care was taken to avoid rapid pressurization of the
system. Once the pressure between the saturation tank and the supply cylinder was
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equalized, the saturation tank gas bleed valve (Component LL) was slightly opened. This
ensured that Nitrogen gas would bubble through the saturation tank and keep the working
fluid fully saturated. Two rotameters (Components 12 and 13) were used to adjust the
saturation tank inlet and outlet flowrates; balancing them in order to prevent dryout or
flooding of the system. Once the flowrates were balanced and the nitrogen gas was
bubbling out of the saturation tank gas bleed valve, the system was ready for operation.
4.4 Test Section Inlet Temperature Control
The two primary systems used to cool the flow during OFI experimentation were
the system heat exchanger (Component P) and the degassing tank heat exchanger
(Component T). However, the most precise method of control for the test section inlet
was the test section heat exchanger (Component K). This heat exchanger was connected
to a constant temperature bath which allowed for precise control of the cooling fluid
temperature, though the coolant flowrate could not be controlled. As the working fluid’s
flowrate changed during operation, so did the heat transfer coefficient of the heat
exchangers. For this reason the temperature of the bath typically had to be adjusted at
several key points during operation to maintain a steady state inlet temperature. While
the other two heat exchanger’s flowrates could be changed, their coolant was the house
water line (17ºC – 20ºC), preventing any control of heat exchanger temperature. For all
of the OFI experiments the maximum possible flowrate was used for the system heat
exchanger and the degassing tank heat exchanger. Only the test section heat exchanger
parameters were varied to regulate the test section inlet temperature.
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4.5 OFI Experimental Procedure and Analysis Techniques
4.5.1 OFI Experimental Procedure
Once the system was running and all the experimental control variables were set,
an OFI experiment could be performed. To prevent burnout each OFI experiment always
started with a very high flow rate with the power supply unit shut off. The power supply
unit was then turned on and slowly raised to the desired output level. In order to reach
steady state conditions the system was allowed to run for a few minutes. As explained in
Chapter III, the HP DAS system acquired data from the GTMTF once every seven
seconds and recorded the data using the Benchlink Data Logger Software on a Microsoft
Windows 95 operating system.
With all system control variables set properly, all systems functioning correctly,
and data being acquired every seven seconds by the HP DAS system, the mass flux
through the test section was decreased by increments of approximately 0.25 to 1 gal/hr
every seven to fourteen seconds until the test section differential pressure reached a
minimum and began increasing. This increase in differential pressure indicated that the
flow had passed through OFI and was operating in the negatively-sloped region of the
demand curve. In order to ensure accurate readings at the OFI point, the incremental
decrease in flow rate was smallest as the flow conditions approached OFI. Once OFI was
surpassed, the experiment was terminated by first shutting off the power supply unit. The
pumps were not immediately shut off to allow for continued cooling of the test section
post experiment.
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4.5.2 OFI Experimental Analysis Techniques
Once the experiment was terminated, the data was compiled and a demand curve
for the experiment was generated. The demand curve directly provided the OFI
conditions, with OFI defined for most experiments as the flow rate at which the test
section differential pressure reached a minimum. For certain experiments this point was
not clear and therefore a 3rd order polynomial fit was applied to the pressure drop data
near the OFI region to estimate the flow rate at which the differential pressure reached a
minimum. Figure 4.1 shows a typical experimental demand curve where the OFI point is
the point with the minimum differential pressure. A plot similar to Figure 4.1 was
generated for every OFI experiment conducted. The data from each of these experiments
is compiled and listed in Appendix B.
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Figure 4.1: Typical Experimental OFI Demand Curve
As discussed previously several experimental parameters were recorded by the
HP DAS system described in Section III.3.1.7. These parameters included test section
inlet and outlet pressures, test section inlet and outlet temperatures, volumetric flow rate,
and total power output from the power supply. Using these parameters, inlet and exit
water conditions could be determined and used to perform an energy balance on the test
section. It was possible to quantify the heat loss to the environment using this energy
balance because the power input to the test section was maintained at a prescribed value.
The heat loss to the environment was required to determine the exact surface heat flux at
OFI. The following paragraphs outline the energy balance procedure used in analyzing
all OFI data.
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First, using the inlet and exit temperatures and pressures, the inlet and exit
enthalpies were determined using the Engineering Equation Solver (EES) algorithm
shown in Appendix A. The nature of OFI experimentation dictated that each experiment
began with single-phase liquid water flowing through the test section and ended with
single-phase liquid water transitioning to a two-phase liquid-vapor mixture within the test
section. Furthermore, the exact quality of the two-phase liquid-vapor mixture exiting the
test section was unable to be determined due to lack of proper instrumentation. As such,
the exit enthalpy and density found using EES was only valid while single-phase liquid
water was exiting the test section.

This limitation required using the following

techniques to determine the exact surface heat flux at OFI.
As stated earlier, the power input to the test section was set and maintained at a
prescribed level for each OFI experiment. This power level was recorded every seven
seconds using the voltage drop meters on the test section, along with the voltage drop
meters at the shunt. As stated earlier, the HP DAS system recorded the total power
supply output in addition to the water conditions at the inlet and exit of the test section.
While the coolant was single-phase, an energy balance performed on the coolant using
inlet and exit enthalpy and mass flow rate could be compared to the recorded total power
supply output in order to determine the power lost to the environment. This loss was then
averaged over the last ten single-phase (x = 0) data points and applied to the two-phase
regime of the experiment. This provided the actual power absorbed in the working fluid
at OFI. The average surface heat flux was then calculated by simply dividing the total
power absorbed in the working fluid by the total heated surface area. The assumption of
constant external heat loss was deemed to be appropriate because the test section and
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fluid temperature stay nearly constant in the flow-boiling regime. The losses generally
accounted for 8 percent of the total power supply output. It’s important to note that total
power supply output refers to the calculated power influx to the test section using the
voltage drop across the two copper nodes. Any power lost to previous power loop
components, such as the shunt used for current calculations, was not included in the
calculations. Heat loss from the power supply configuration was primarily limited to the
copper nodes that connected the power supply cords to the test section tubing. These
copper nodes acted as heat sinks and drew heat from the test section. Further heat loss
can be attributed to conduction within the test section’s wall; however due to the limited
cross section area of the wall this conduction would have been minor compared to the
conduction through the copper nodes.
The energy balance technique just described provided an estimate of the amount
of heat lost to the environment from the test section, and, thus, had a significant impact
on the “exact” calculated OFI heat flux for the experiment.
The OFI mass flux, average exit pressure, and average inlet temperature for each
OFI experiment were found in the following manner. The average inlet temperature was
the mean inlet temperature over five data points centered about the OFI point. Likewise,
the average exit pressure was the mean exit pressure over the five data points centered
about OFI.

The standard deviation for the temperature was calculated for each

experiment and can be found in Appendix B. The OFI mass flux, GOFI, for each OFI
experiment was found by first calculating the mass flux at each data reading taken during
the OFI experiment and then picking the value that corresponded to the minimum
differential pressure over the duration of the experiment. As described previously, this
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value was picked visually or in some cases a third order polynomial fit was used. The
mass flux at the data point was found by multiplying the volumetric flow rate through the
test section by the inlet fluid density at the liquid flow transducers and then dividing by
the flow area of the test section.
The OFI correlations developed in this investigation compare the OFI mass flux
to the saturation mass flux and the OFI heat flux to the saturation heat flux. The
aforementioned procedures outline the methods used in determining OFI mass flux and
OFI heat flux. The following procedures summarize the techniques used in determining
the corresponding saturation mass flux and saturation heat flux. They also set forth the
methods used in comparing OFI conditions to saturation conditions.
The saturation mass flux refers to the coolant mass flux which would produce
saturated liquid at the test section exit for a specified set of flow parameters and power
input, i.e., inlet temperature and pressure, exit pressure, flow area, heated area, and
average surface heat flux.

In order to calculate the saturation mass flux, the inlet

enthalpy was determined using the average inlet temperature and pressure at the OFI
point. Next the saturation enthalpy of the working fluid (hf) at the average exit pressure
was determined. The difference of the two enthalpy values dictated the required change
in enthalpy from inlet to exit necessary to saturate the working fluid.

Finally, the

saturation mass flux was calculated using the following equation.

′′
G sat = q OFI

Aheated
A flow (h f [Pexit ] − h[Tinlet , Pinlet ])

(4.1)

Equation 4.1 provided the coolant mass flux required to saturate the working fluid at the
test section exit given the experimentally fixed value of OFI heat flux at the stated
operating conditions (inlet temperature, pressure and exit pressure). Since the OFI mass
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flux corresponding to the OFI heat flux used in Equation 4.1 was known, a direct ratio
comparison between the OFI mass flux and the calculated saturation mass flux was
possible. This provided the means to develop the empirical OFI mass flux correlation to
be presented in Chapter V.
Saturation heat flux refers to the average surface heat flux required for the
working fluid to become saturated liquid at the test section exit for a given set of flow
parameters, i.e., inlet temperature and pressure, exit pressure, flow area, heated area, and
coolant mass flux. Once again, the first step in the saturation heat flux calculation was to
determine the inlet enthalpy using the average inlet temperature and pressure at the OFI
point. Next, the saturation enthalpy of the working fluid at the average exit pressure was
found. As previously stated, the difference of these two enthalpy values dictated the
required change in enthalpy from inlet to exit necessary to saturate the working fluid.
The saturation heat flux was then calculated using the following equation.

′ = GOFI
q ′sat

A flow (h f [Pexit ] − h[Tinlet , Pinlet ])
Aheated

(4.2)

Equation 4.2 provided the average surface heat flux necessary to saturate the working
fluid at the test section exit based on the assumption that the experimentally determined
value of OFI mass flux was actually fixed.

Once again, since the OFI heat flux

corresponding to the OFI mass flux used in Equation 4.2 was known, a direct ratio
comparison between the OFI heat flux and the saturation heat flux was possible. This
provided the means to develop the empirical OFI heat flux correlation presented in
Chapter V.
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4.6 Heat Transfer Coefficient Experimental Procedures
Once the flow rate dropped low enough in a heat transfer coefficient experiment
to initiate subcooled boiling the experiment was terminated. Key data for calculating the
heat transfer coefficient and Reynolds number was then compiled, i.e., inlet temperature
and pressure, exit temperature and pressure, volumetric flow rate, wall temperatures, and
power input. The following procedures make use of the hydraulic diameter for all the
relevant calculations, i.e., Reynolds number, and Nusselt number.

Dh =

4 * A flow

Pwetted

(4.3)

The flow area and wetted perimeter were calculated using the geometry described in
Chapter III.
The first step in determining the heat transfer coefficient was determining the bulk
fluid temperatures at the three locations where the wall thermocouples were located. For
each location the average power input up to the location had to be calculated.
Px =

X * Ptotal
L

(4.4)

Where X represents the distance from the beginning of the heated length to the location
of its corresponding wall thermocouple location, and L represents the total heated length.
Px was calculated for three locations, point 1, point 2, and point 3, and was stored as P1,
P2, and P3 respectively. In order to simplify the process, an assumption was made that
the pressure inside the test section did not vary significantly from the inlet pressure. This
assumption was valid because for sub-cooled liquid, temperature has a much greater
effect on enthalpy than pressure. The total power used in Equation 4.4 did not directly
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correspond to the power measured by the HP DAS system. Instead the actual power was
calculated using an energy balance between the inlet and exit enthalpies.
Ptotal = M& (h[Texit , Pexit ] − h[Tinlet , Pinlet ])

(4.5)

This calculation also provided a means of calculating the average % heat loss of the test
section.
The next step in calculating the bulk fluid temperatures at the desired locations
was calculating the enthalpy at each location. This was done by using the test section
inlet pressure and temperature, Px, and the mass flow rate.
hx =

Px
− h[Tinlet , Pinlet ]
M&

(4.6)

The enthalpy value from Equation 4.6, along with the inlet pressure, was then used to
calculate the temperature at point x by using the EES temperature query function that
uses enthalpy and pressure as input variables. Once the bulk fluid temperature at the
point was known a local heat transfer coefficient was calculated by dividing the average
surface heat flux by the difference of the wall temperature and the bulk fluid temperature.
The Nusselt number could then be calculated by multiplying the heat transfer coefficient
by the hydraulic diameter, and dividing by the thermal conductivity of the fluid. The
thermal conductivity was calculated using the temperature of the bulk fluid at the
location. Finally the Reynolds number was calculated using the hydraulic diameter.

Re d h =

Uρ D h

µ

(4.7)

Where the velocity (U) was calculated by multiplying the volumetric flow rate by the
flow area, and the density and dynamic viscosity were calculated using the bulk fluid
temperature at the location.
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The turbulent flow regime data was fitted with a typical Nusselt number
correlation for turbulent flow, as shown below.
Nu d = C Re md Pr n

(4.8)

The Prandtl number like all other fluid properties was calculated using the bulk fluid
temperature. In order to estimate the exponent n, the turbulent data was plotted as
log(Nud/Redm) versus log Pr. This value of n was then set to .33, because this best fit the
data while still staying within the bounds of previous correlations.

With a known

exponent n, the exponent m and coefficient C could then be calculated by plotting all the
data as log(Nud/Prn) versus log Red.
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Figure 4.2: Plot of Exponential fit for Turbulent Data
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9.8

CHAPTER V
RESULTS AND DISCUSSION

This chapter contains the presentation and discussion of experimental data
obtained in this investigation. Section V.1 focuses on OFI experimental results, while
Section V.2 focuses on Nusselt Number correlations.
5.1 Onset of Flow Instability
This OFI investigation produced a total of 12 experiments covering a range of exit
pressures and heat fluxes. Appendix B lists the OFI conditions for all experiments
conducted; the data include the inlet temperature, the exit pressure, the coolant mass flux,
and the average surface heat flux. All 12 experiments used fully nitrogen-saturated water
as the coolant, and the inlet temperature was fixed to within a few degrees of 25ºC. A
correlation that covers a heat flux range of 0.729 – 2.236 MW/m2 was developed using
all 12 OFI data points. Within this section is a discussion of the OFI results obtained and
the empirical correlations developed.
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5.1.1 Effect of Surface Heat Flux on OFI
Figure 5.1 illustrates the effect of increasing surface heat flux on OFI. The
experiments shown in Figure 5.1 had the inlet temperature and exit pressure held at 25ºC
and 25 psig, respectively. The data shows that as the surface heat flux decreased, the
mass flux at which OFI occurred also decreased. While no trend can be fitted to the data,
it’s clear that there is a positive correlation between surface heat flux and the mass flux at
which OFI occurs.
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Figure 5.1: Effect of Changing Surface Heat Flux on the OFI Demand Curve
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35

5.1.2 Effect of Exit Pressure on OFI
Figure 5.2 illustrates the effect of test section exit pressure on OFI. For the three
experiments shown here the inlet temperature and heat flux were maintained at 25ºC and
1.5 MW/m2, respectively. The data shows a negative correlation between exit pressure
and the OFI mass flux. Exit pressure’s effect is significant; going from 620 to 275 kPa
increases the OFI mass flux by about 50%. However, like the correlation between
surface heat flux and OFI mass flux, no trend can be accurately fitted to the data.
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18

5.1.3 Comparison with Kennedy’s OFI Model
Kennedy, et al. (1997) conducted OFI experiments using four test sections with
two types of cross-sections, circular and microbundle interior subchannel. Based on the
results of those experiments, the following OFI correlations were developed.
''
''
q OFI
= 0.900 * q sat
± 6 .9 %

(5.1)

GOFI = 1.110 * G sat ± 6.3%

(5.2)

Figures 5.3 and 5.4 compare the OFI data obtained during this investigation against the
correlations of Kennedy, et al. (1997). These figures show that the Kennedy correlations
do not fit the data obtained in this investigation. It is clear that the flow characteristics
vary between the circular cross-sections Kennedy used and the rectangular cross-sections,
used in this investigation.
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Figure 5.3: Comparison of OFI Heat Flux Data with Kennedy (1997) OFI Model
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Figure 5.4: Comparison of OFI Mass Flux Data with Kennedy (1997) OFI Model

5.1.4 Development of OFI Correlation
As described in Section IV.7.2, with OFI mass flux, OFI heat flux, inlet enthalpy,
heat loss, and exit pressure known for each experiment, the corresponding heat flux and
mass flux that would lead to saturation at the test section exit were calculated using an
energy balance:

''
G sat = q OFI

''
q sat
= GOFI

Aheated
A flow (h f [Pexit ] − h[Tinlet , Pinlet ]
A flow
Aheated

(h [P ] − h[T
f
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exit

inlet

, Pinlet ])

(5.3)

(5.4)

Based on the above energy balances, simple, linear correlations were developed for the
OFI heat flux and mass flux as functions of saturation mass flux and heat flux,
respectively. Using this approach, Kennedy, et al. (1997) developed correlations for OFI
through circular microchannels.

The following correlations developed in this

investigation are for the narrow, rectangular cross section as described in Chapter III.

''
''
q OFI
= 0.561 * q sat
± 6.41%

(5.5)

GOFI = 1.790 * G sat ± 7.96%

(5.6)

These linear correlations were developed by minimizing the sum of the squares of
the absolute error (i.e., the difference between the experimental values and the predicted
values). Using a 95% confidence level as a baseline, these correlations predict the OFI
heat flux given a known mass flux within ± 6.41% and ± 7.96% for OFI mass flux given
a known heat flux. The uncertainty ranges equal twice the standard deviation of the
percent error between the raw OFI data and the prediction. Figures 5.5 and 5.6 compare
predictions of the above correlations with the data. These correlations are only valid for
the parameters covered during this investigation:

Heat Flux:
Mass Flux:
Inlet Temperature:
Exit Pressure:
Non-Condensable Gas Content:
Coolant Channel Geometry:
Coolant Channel Gap Thickness:
Coolant Channel Aspect ratio:

0.729 → 2.236 MW/m2
295 → 1336 kg/m2 sec
Room Temperature (25ºC)
275 → 620 kPa
Saturated at Tinlet and Pexit
Rectangular
1.1mm
11/100
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2.5

5.2 Nusselt Number
Figure 5.3 illustrates the Nusselt number as a function of Reynolds number data
obtained in this investigation. Flow rates were chosen to cover both the laminar and
turbulent flow regimes. The power was maintained at a low heat flux, preventing any
flow regime changes due to vapor formation. The turbulent-laminar transition region is
shown clearly between 3500 and 6000 Reynolds number.
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Figure 5.7: Plot of Nusselt Number versus Reynolds number
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100000

5.2.1 Turbulent flow
The turbulent flow regime analyzed in this investigation covered a range of 6000
to 17000 Re. For values lower than 6000 Re the flow began to transition and therefore it
was impractical to include lower Reynold number data points in the turbulent flow
correlation.
Many forced convection correlations for turbulent flow in large channels originate
in the Colburn (1933) equation. One of these correlations is the widely used DittusBoelter (1936) correlation for turbulent flow in circular channels.
Nu D = 0.023 Re 0D.8 Pr n
Where n = 0.4 for heating (Ts > Tb), n = 0.3 for cooling (Ts<Tm)
The correlation is valid for Reynolds numbers and Prandtl numbers in the ranges
of ReD ≥ 104 and 0.7 – 100, respectively, and an L/D ratio larger than 60. The correlation
is frequently used for turbulent flow in non-circular channels by using the hydraulic
diameter in the Reynolds number rather than the diameter D. For this investigation the
hydraulic diameter was calculated to be 1.842mm.
An alternate correlation for single-phase turbulent forced convection was
suggested by Petukhov et al. (1973).

Nu =

( f / 8) * Re Pr
1/ 2
K + 12.7 * ( f / 8) (Pr 2 / 3 − 1)

Where

K = 1.07 + (900 / Re ) − [0.63 / (1 + 10 * Pr )]
The recommended friction factor correlation is that of Filonenko (1954):
f = (1.82 log(Re) − 1.64 )
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Figure 5.8: Comparison of Data to Turbulent flow correlations
The data suggests that the Nusselt number for the narrow rectangular cross-section is
lower than traditional turbulent flow Nusselt number correlations. This is contradictory
to the theory proposed by Adams (1999), who reported that the Nusselt number for
turbulent flow in microchannels is higher than the values for large channels. However,
Adams developed his theory on circular cross-sections, so it’s possible that narrow
rectangular slits hold different characteristics, as was the case in the OFI correlations.
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Figure 5.9: Plot of Nu/Pr^.33 versus Reynolds Number for Turbulent Flow Regime
The following turbulent correlation developed in this investigation is for the narrow,
rectangular cross section as described in chapter III.
Nu d = 0.0429 Re 0d.711 Pr 0.33 ± 3.036%

(5.7)

This correlation was developed using the methods outlined in section IV.5.3. While the
coefficient is significantly larger than traditional correlations, the Reynolds number
exponent correlation is lower. The effect of the exponent is more significant than that of
the coefficient. Therefore the Nusselt number prediction of the model is lower than that
of traditional correlations.
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5.2.2 Transitional and Laminar Flow

Nu
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Figure 5.10: Plot of Nusselt Number versus Reynolds Number

Figure 5.9 shows a clear transition region towards fully developed laminar flow
between 5500 and 3500 Reynolds number. This is higher than the traditional correlations
that show the laminar region forming around 2100 Reynolds number. The Nusselt
number in the fully developed laminar region converges to 9.75. This number is higher
than the fully developed laminar Nusselt number for infinite parallel planes, 8.235,
implying that for narrow rectangular slits the Nusselt number is slightly higher than
traditional rectangular ducts. Additionally it’s clear that the flow in rectangular ducts
transitions to laminar flow at much higher Reynolds numbers.
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CHAPTER VI
CONCLUSIONS
Ledinegg flow instability and heat transfer coefficient experiments were
conducted with water flowing through a narrow, rectangular channel using the Georgia
Tech Microchannel Test Facility. Subcooled water at a controlled flow rate, pressure,
temperature, and dissolved non-condensable gas concentration was delivered to the
rectangular test section. By running an electrical current through the test section making
use of its electrical resistance, a constant heat flux was applied. A total of 13 OFI
experiments and 3 heat transfer coefficient experiments were conducted in this
investigation. The tables located in Appendices B and C provide all of the OFI and heat
transfer coefficient data collected and used during this study.

6.1 OFI Correlations
1.

With all other operating parameters constant, OFI occurred at higher mass fluxes
as the surface heat flux applied to the test section was increased.

2.

With all other operating parameters constant, OFI occurred at higher mass fluxes
as the test section exit pressure was decreased.

3.

The comparison of the correlations developed in this investigation with those of
previous investigations show OFI tends to occur at higher mass fluxes in
rectangular cross-sections as compared to circular cross-sections.
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3.

An OFI correlation was developed relating the heat flux required to cause bulk
exit saturation of the working fluid with the heat flux required to initiate OFI. A
second OFI correlation was developed for the coolant mass flux data.

''
''
q OFI
= 0.561 * q sat
± 6.41%

(6.1)

GOFI = 1.790 * G sat ± 7.96%

(6.2)

The data fit both these correlations within a 95% (2σ) confidence level. The
parameter ranges used to develop these correlations were:
Heat Flux:
Mass Flux:
Inlet Temperature:
Exit Pressure:
Non-Condensable Gas Content:
Coolant Channel Geometry:
Coolant Channel Gap Thickness:
Coolant Channel Aspect ratio:

0.729 → 2.236 MW/m2
295 → 1336 kg/m2 sec
Room Temperature (25ºC)
275 → 620 kPa
Saturated at Tinlet and Pexit
Rectangular
1.1mm
11/100

4. The models developed in previous investigations would be highly nonconservative when applied to the data found in this investigation.
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APPENDIX A
EES ROUTINES

A.1 Heat Transfer Coefficient Routine
This Routine was used to calculate the bulk fluid temperature at the three
locations of the wall thermocouples.

The input variables included, bulk exit fluid

temperature, bulk inlet fluid temperature, inlet fluid pressure, and bulk fluid flow rate. A
uniform heat flux was assumed and therefore the power input before each location was
determined using the ratio of partial length over total heated length.
P_in =(30+14.696)*convert(psi,kpa)
T_in =21.52
T_out = 38.46
Flow_2=28.21
rho_1 = DENSITY(Water,T=T_in,P=P_in)
Flow =flow_2*convert(gal/hr,m3/sec)
Mass_Flow = Flow* rho_1
Power = -Mass_Flow*(Enthalpy(Water,T=T_in,P=P_in) - Enthalpy(Water,T=T_out,P=P_in))
q1 = Power*(1.68/4.154)[kW]
q2 = Power*(2.391/4.154)[kW]
q3 = Power*((2.391+.771)/4.154)[kW]
H_in=Enthalpy(Water,T=T_in,P=P_in)
H_1 = q1/Mass_Flow + H_in
T_1 =Temperature(Water,P=P_in,h=H_1)
H_2 = q2/Mass_Flow + H_in
T_2=Temperature(Water,P=P_in,h=H_2)
Pr_1=Prandtl(Water,T=(T_1+T_2)/2,P=P_in)
H_3 =q3/Mass_Flow +H_in
T_3= Temperature(Water,P=P_in,h=H_3)

A.2 Expected Power Flux and Flow Rates for Saturation
This code was used to calculate the expected power fluxes and flow rates required
to reach saturation. The input variables included inlet fluid pressure, bulk fluid flow rate,
power input, and bulk inlet fluid temperature.
P_1 =25* convert(psi,pa) +101325
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flow =7.839 *convert(gal/hr,m3/s)
Power =2.448
T_1 = 19.2
T_sat_2=T_sat(Water,P=P_1)
x_2=0
h_1=Enthalpy(Water,T=T_1,P=P_1)
h_2=Enthalpy(Water,T=T_sat_2,x=x_2)
rho_1=Density(Water,T=T_1,P=P_1)
Flow_expected = Power / ((h_2-h_1)*rho_1) * convert(m^3/s,gal/hr)
Power_expected = flow*(h_2-h_1)*rho_1

A.3 Calculated and Measured Power Input
This EES routine was used to calculate both the measured power input from the
voltmeters and the calculated power input using an energy balance equation.
equation for VAC_SHUNT is the same as EQ 3.3.
VAC_TS = 2
VDC_TS = 5
VDC_SHUNT = 100
VAC_SHUNT = VDC_SHUNT * VAC_TS / VDC_TS
V_TS = SQRT(VAC_TS^2 + VDC_TS^2)
C_SHUNT = SQRT(VDC_SHUNT^2 + VAC_SHUNt^2)
Power = V_TS * C_SHUNT
T_in = 26.1
T_out =40.1
Flow = 44.3 * convert(gal/hr,m3/sec)
P_in = 25 * convert(psi,kpa)
h_in = Enthalpy(Water,T=T_in,P=P_in)
h_out = Enthalpy(Water,T=T_out,P=P_in)
rho_1 = Density(Water,T=T_in,P=P_in)
Power_calc= rho_1 * Flow *(h_out - h_in)
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APPENDIX B
SUMMARY OF OFI EXPERIMENTAL DATA

The conditions corresponding to OFI for the 13 experiments conducted in this
investigation are tabulated in Table B.1. The non-condensable gas content, gap width,
inlet temperature, exit pressure, OFI mass flux, and OFI surface heat flux are all provided
in Table B.1

Table B.1: OFI Experimental Data
Non-Condensable
Gas Content

Gap
Width

Tinlet

Toutlet

Nitrogen-Saturated
Nitrogen-Saturated
Nitrogen-Saturated
Nitrogen-Saturated
Nitrogen-Saturated
Nitrogen-Saturated
Nitrogen-Saturated
Nitrogen-Saturated
Nitrogen-Saturated
Nitrogen-Saturated
Nitrogen-Saturated
Nitrogen-Saturated
Nitrogen-Saturated

(mm)
1.4
1.4
1.4
1.4
1.4
1.4
1.4
1.4
1.4
1.4
1.4
1.4
1.4

(ºC)
18.7
23.6
26.4
27.5
22.8
22.8
24.9
25.3
25.7
26.8
23.2
26.6
25.6

(ºC)
92
93
83
84
86
106
105
96
91
93
120
115
108
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Pexit
(absolute)

OFI Mass
Flux

(kPA)
274
274
274
274
274
446
446
446
446
446
618
618
618

(kg/m s)
374.18
635.96
1100.73
1336.22
524.25
327.47
536.68
760.29
888.00
1167.27
294.53
476.62
670.35

2

OFI Heat Flux
2

(MW/m )
0.730
1.092
1.800
2.185
0.894
0.729
1.124
1.478
1.858
2.236
0.742
1.101
1.471

APPENDIX C
SUMMARY OF HEAT TRANSFER COEFFICIENT DATA

All the data points used in developing the Nusselt number correlations are
tabulated in Table C.1. The Reynolds number, bulk temperature 1, bulk temperate 2, the
two wall temperatures, measured power, calculated power, power loss, and the nusselt
number are provided.

Table C.1: Heat Transfer Coefficient Data
Reynolds
16501
16471
16031
16031
15621
15556
15335
15169
15321
15331
15081
14452
14065
13659
13131
12558
11936
11395
10826
10419
10064
10086
10013
9705
9094
8326
7704
7244
7292

Tbulk_1
(ºC)
32.03
31.95
32.07
31.99
32.06
32.06
32.10
32.10
31.99
31.95
32.04
32.25
32.31
32.43
32.60
32.80
33.08
33.41
33.75
33.91
34.09
34.10
33.97
34.23
34.88
23.55
23.76
23.94
23.92

Tbulk_2
(ºC)
33.82
33.74
33.91
33.83
33.95
33.95
34.03
34.05
33.91
33.87
34.00
34.30
34.42
34.60
34.87
35.18
35.60
36.08
36.59
36.85
37.13
37.45
37.01
37.38
38.31
24.42
24.70
24.95
24.93

Twall_1
(ºC)
64.98
64.97
65.27
65.52
65.73
65.81
66.04
66.90
66.59
66.40
66.76
67.13
67.99
68.60
69.52
71.68
72.47
74.14
76.35
77.77
78.32
79.27
78.65
80.09
84.37
42.82
44.06
45.42
45.43

Twall_2
(ºC)
73.54
74.09
74.55
74.48
74.94
75.16
75.33
76.58
76.19
75.88
76.57
77.23
78.54
79.49
80.97
83.47
85.24
87.73
90.88
92.97
93.92
94.63
94.00
95.81
100.91
49.91
51.61
53.15
53.21
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Prec
(kW)
3.00
3.00
3.00
3.00
3.00
3.00
3.00
2.99
3.00
3.00
3.00
3.00
2.99
2.98
2.98
2.98
2.98
2.99
3.00
2.97
2.95
2.96
2.94
2.94
2.94
1.18
1.18
1.18
1.17

Pcalc
(kW)
2.73
2.72
2.72
2.72
2.72
2.72
2.72
2.72
2.72
2.73
2.72
2.72
2.71
2.71
2.70
2.70
2.70
2.71
2.72
2.70
2.68
2.74
2.73
2.76
2.79
1.12
1.12
1.11
1.12

loss
(%)
9.25%
9.25%
9.25%
9.25%
9.25%
9.25%
9.25%
9.25%
9.25%
9.25%
9.25%
9.25%
9.25%
9.25%
9.25%
9.25%
9.25%
9.25%
9.25%
9.25%
9.25%
7.33%
7.17%
6.16%
5.32%
4.67%
5.27%
5.83%
4.84%

Nu
72.9
72.3
71.8
71.3
70.9
70.6
70.3
68.4
68.9
69.4
68.5
68.2
66.2
65.0
63.4
60.3
59.1
57.2
54.7
52.5
51.6
52.0
52.3
51.4
48.2
50.5
47.6
44.9
45.1

Table C.1 (continued)
6747
6757
6469
6477
6014
6014
5342
5316
5126
4985
4969
4734
4724
4502
4470
4319
4177
4110
3943
3843
3768
3662
3614
3613
3489
3518
3384
3275
3283
3168
2993
2986
2906
2817
2745
2764
2759
2684
2654

24.16
24.18
24.36
24.37
24.73
24.74
25.43
25.49
25.75
26.07
26.06
26.37
26.34
26.50
26.71
26.50
26.55
26.48
26.63
26.72
26.78
26.79
27.05
27.16
27.23
27.35
27.43
27.67
27.78
28.08
28.89
28.88
29.49
29.93
29.97
30.39
30.45
30.90
31.08

25.25
25.27
25.50
25.52
25.98
25.99
26.90
26.97
27.32
27.73
27.72
28.12
28.06
28.28
28.53
28.25
28.29
28.20
28.39
28.50
28.57
28.57
28.90
29.05
29.12
29.29
29.36
29.67
29.81
30.19
31.19
31.16
31.93
32.51
32.55
33.09
33.17
33.74
33.97

47.26
47.53
49.19
49.05
54.90
54.90
76.69
79.00
85.39
90.86
92.01
96.72
95.76
98.77
100.17
102.70
103.41
104.54
106.07
106.70
107.61
108.63
109.59
109.12
110.97
110.41
111.82
113.06
113.50
114.97
117.00
117.41
118.53
119.91
119.86
120.69
120.93
122.30
122.67

54.89
55.05
56.17
56.12
57.35
57.30
60.02
59.74
64.18
68.17
69.79
80.38
79.85
87.01
90.88
99.29
103.75
105.42
112.13
113.25
114.47
116.33
117.78
117.15
120.04
119.05
121.10
122.83
123.38
125.42
128.35
128.81
130.06
132.14
132.15
133.14
133.31
135.06
135.52
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1.18
1.18
1.17
1.17
1.17
1.17
1.17
1.17
1.16
1.16
1.16
1.16
1.15
1.15
1.15
1.15
1.15
1.15
1.15
1.15
1.15
1.15
1.15
1.15
1.15
1.15
1.15
1.15
1.15
1.15
1.15
1.15
1.14
1.14
1.14
1.14
1.14
1.14
1.14

1.11
1.11
1.11
1.12
1.12
1.12
1.15
1.15
1.16
1.19
1.19
1.18
1.17
1.14
1.15
1.08
1.04
1.01
0.98
0.97
0.95
0.92
0.94
0.96
0.93
0.94
0.91
0.91
0.92
0.92
0.93
0.92
0.94
0.95
0.93
0.96
0.97
0.98
0.98

5.88%
5.52%
5.14%
4.87%
4.22%
4.45%
1.44%
1.28%
-0.08%
-2.60%
-2.21%
-2.08%
-0.92%
1.49%
-0.14%
6.46%
9.53%
12.35%
14.51%
15.58%
16.93%
19.62%
17.87%
16.40%
19.33%
17.75%
20.44%
20.76%
19.68%
19.97%
19.06%
19.91%
17.49%
16.61%
18.73%
15.70%
15.14%
14.29%
14.27%

42.0
41.8
39.9
40.2
35.9
35.8
28.0
27.7
25.0
23.4
22.6
19.2
19.2
17.1
16.7
14.3
13.3
12.7
11.8
11.5
11.2
10.6
10.8
11.0
10.3
10.6
10.1
9.9
10.0
9.8
9.7
9.6
9.8
9.7
9.5
9.8
9.9
9.8
9.8

APPENDIX D
OFI ERROR ANALYSIS

The OFI mass flux error analysis is presented within this appendix.

The

following examination is modeled after Stoddard’s (2000) analysis.
D.1 Mass Flux Error Analysis
Mass flux is a function of the coolant mass flowrate and the cross-sectional area
of the test section.

G=

m&
Acs

(B.1)

In order to calculate the coolant mass flux variance the following error propagation
formula can be used.

2

 ∂G  2  ∂G
σ =
 σ m& + 
 ∂m& 
 ∂Acs
2
G

2

 2
 σ Acs


(B.2)

Simple calculus analysis yields the following expressions for the partial derivatives.

∂G
1
∂G
m&
=
and
=− 2
∂m& Acs
∂Acs
Acs
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(B.3)

In order to calculate the variance of the coolant mass flowrate and the cross-sectional
area, they had to be expanded into known components whose variances could be
calculated.
Mass Flow rate ( m& ) can be expressed as a function of Volumetric flowrate ( V& )
and coolant density (ρ).

m& = V&ρ

(B.4)

The inlet temperature doesn’t vary significantly; therefore the variance of the density can
be set to zero. This yields the following equation for the variance of coolant mass flow
rate.

 ∂m&  2
σ V&
 ∂V& 

σ m2& = 

(B.5)

Where

∂m&
=ρ
∂V&

The variance of the volumetric flowrate at OFI, measured using by FT-08 and FT03 liquid flow transducers manufactured by EG&G/FTI, was calculated by summing the
squares of the individual errors. There were a total of four errors related with the
volumetric flowrate.
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The first two errors were a result of the dead weight method used for calibrating
the flowmeters. The mass scale used to calibrate the flowmeters was accurate to .02 kg,
and the minimum weight used 2kg and, therefore, the uncertainty for the mass
measurement was 1%. The stopwatch used to calibrate the flowmeters was accurate to 1
second and the minimum time interval used was one minute and, therefore, the
uncertainty for the mass measurement was 1.67%. The third error associated with the
volumetric flowrate was the standard error of the regression calibration curve. This error
was .064137 gallons/hr for the FT-03 transducer, and .25591 gallons/hr for the FT-08
transducer. Correspondingly the two transducers had minimum flowrates of 5 gallons/hr
and 15 gallons/hr, respectively. This yielded uncertainties of 1.28% and 1.71% for the
FT-03 and FT-08 transducers, respectively. Most of the experiments had flow through by
the FT-03 and FT-08 paths; therefore the higher uncertainty of 1.71% was applied to all
the data.

The final uncertainty of the volumetric flowrate was associated with the precision
error in choosing the correct OFI point. As described in Chapter IV, the OFI point was
chosen to be the flowrate (gallon/hr) associated with the smallest pressure drop (kPa)
through the test section. In order to quantify the error associated with this method, the
data points around the OFI point were fit with both a quadratic and a cubic fit. A plot of
the quadratic fit to the data set with the highest error (50 psig exit pressure, 25ºC inlet
temperature, 1.5 MW/m^2) is located in Figure B.1.
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Figure B.1: Fits to OFI Demand Curve
The OFI points for both fits were calculated by taking the derivates of the formulas and
setting them to zero. For the 2nd and 3rd order fits, the respective coolant volumetric
flowrates were 11.39 and 11.06 gal/hr for the minimum differential pressures. The
flowrate value corresponding to the data point with the lowest differential pressure was
10.80 gallons/hr. The 2nd order fit was used to calculate the precision uncertainty because
it had the largest discrepancy.

u4 =

11.39 − 10.8
= .0543 = 5.43%
10.8

The squares of all four uncertainties were added in order to develop the error
estimate for the volumetric flowrate at OFI.
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Table D.1: Summary of Volumetric Flowrate Uncertainties at OFI

u1
u2
u3
u4
Sum

Error Type
Bias
Bias
Bias
Precision

Uncertainty2
1.000 E - 4
2.789 E - 4
2.924 E - 4
2.948 E – 3
3.620 E - 3

Uncertainty
1%
1.67%
1.71%
5.43%
6.02%

With the variance of the Volumetric Flowrate now known, all the values for
Equation B.5 are known. This leaves the variance of the test section’s cross sectional
area as the final unknown in Equation B.2. This cross sectional area is a function of the
test section’s depth (D) and width (W).

D
Acs = D * W + 2π  
2

2

(B.6)

From Equation B.6 the variance of the test section cross sectional area can be expressed
in the following manner.

2

2

 ∂A 
 ∂A 
=  cs  σ D2 +  cs  σ W2
 ∂D 
 ∂W 

(B.7)

∂Acs
∂Acs
= W + 2πD and
=D
∂D
∂W

(B.8)

σ

2
Acs

Where:

The depth and width of the test section were both measured using a Max-Cal Caliper.
The tolerance of the Max-Cal Caliper is .001 inch = .00254 cm. The test section’s depth
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and width were .13719 and 1.237 cm, respectively. Therefore, the respective uncertainty
biases of the depth and width were 1.8% and .2%.

Finally, combining Equations B.2 through B.8 yielded the following equation for
the coolant mass flux variance.

 1
σ = 
 Acs
2
G

2

[

[

 2 2
 ρ σ V& + m& 2 (W + 2πD )2 σ D2 + D 2σ W2
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]]

(B.8)

D.2 Heat Flux Error Analysis
The heat flux can be calculated as a function of the power applied to the test
section and the test section heated area.

Q '' =

Qtotal
As

(B.9)

The variance of the surface heat flux can be expressed by the following error propagation
formula.

σ

2
Q''

 ∂Q ''
= 
 ∂Qtotal

2

2

 2
 ∂Q ''  2
 σ Qtotal + 
 σ As

 ∂As 

(B.10)

where

(Q + Q ) Q
∂Q ''
∂Q ''
1
∂Q ''
=
=
and
= − in 2 out = − total
∂Qin ∂Qout As
∂As
As
As2

The variance of the power level at OFI was calculated as the sum of the squares of the
individual bias errors and precision errors associated with the measurement. The OFI
experiments measured the power level using redundant sensors. Since only the total
power level reading supplied by the DC and AC wattmeters were used for analysis, only
the tolerances of these wattmeters were considered in this error analysis.
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APPENDIX E
CALIBRATION METHODS

E.1 Turbine Flowmeters
One of the most important instruments to calibrate correctly was the turbine
flowmeters (Components 3 and 4). The volumetric flow was critical for calculating both
the OFI and Nusselt number correlations. In order to calibrate the flowmeters the pump
inlet was first isolated from the rest of the system by closing the Degassing tank isolation
valve (Component Q) and the pump bypass valve (Component E). Next, the exit line
from the test section was disconnected from the system heat exchanger (Component P)
and was led to an empty bucket. Finally, the system drain valve (Component S) was
connected to a large bucket of water. The system, no longer being self-contained, was
now prepped for calibrating the flowmeters. As described in Appendix D, a stop watch
accurate to one second was used to measure the time for each calibration measurement.
A mass scale accurate to 10 grams was used to measure the total weight of water that
passed through the flowmeter during each calibration measurement. Below the results of
the calibrations for both turbine flowmeters are listed.
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Table E.1: Calibration Data for Liquid Flow Transducer FT-03

Weight

Time

FT-03
Reading

(kg)
0.3
0.5
0.5
0.6
1.0
1.3
1.7
1.1
1.6

(s)
117.8
107.3
99.6
70.1
93.5
99.1
106.9
59.5
72.9

(VDC)
0.347
0.694
0.860
1.570
1.910
2.480
3.068
3.500
4.200

Volumetric
Flow Rate
(gal/hr)
2.10
4.00
4.91
8.16
10.20
12.51
15.17
17.63
20.94

V& = (0.6281 + 4.8302 * VRe ading ) ± 5.89%

(E.1)

Table E.2: Calibration Data for Liquid Flow Transducer FT-08 (Low Flow)

Weight
(kg)
1.7
1.6
1.7
1.7
1.9
2.3
2.3

FT-08 (low flow)
Time Reading
Volumetric
Flow Rate
(s)
(VDC)
(gal/hr)
148.0
0.000
10.96
89.0
0.139
17.15
72.0
0.210
22.52
62.0
0.252
26.15
62.0
0.289
29.23
64.0
0.347
34.28
53.0
0.421
41.39

2
V& = 10.444 + 40.208 * Vreading + 80.948 * Vreading
± 4.10%
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(E.2)

Table E.3: Calibration Data for Liquid Flow Transducers FT-08 (High Flow)

Weight
(kg)
2.0
3.5
3.5
4.3
4.1
4.5
3.9

FT-08 (high flow)
Time Reading
Volumetric
Flow Rate
(s)
(VDC)
(gal/hr)
62.0
0.310
30.77
65.4
0.518
51.04
45.1
0.768
74.04
47.1
0.907
87.14
40.3
0.994
95.98
41.6
1.067
103.11
33.7
1.160
110.52

2
V& = 1.780 + 95.127 * Vreading − 0.768 * Vreading
± 0.3%

99

(E.3)
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